ABSTRACT
NOMENCLATURE

A
Cross section area. a, b Dimensions of the elliptical footprint.
[C] Damping matrix.
C s Friction synchronizing torque. d i
Distance traveled between two consecutive impatcs.
E i
Young's modulus of i − th body. e Restitution coefficient (Newton's law). 
h(ϑ)
Rise of the cam.
I
Moment of inertia of cross section area. J 2zz Gear moment of inertia w.r.t. axis of the shaft.
[K]
Stiffness matrix of Timoshenko beam element.
Stiffness per unit length of the foundation. k i Stiffness of body in contact (subscript i = 1 refers to the cam, i = 2 refers to the pin). k spring Spring stiffness in the spring-damper element. l Length of foundation. l e Eccentricity of the relative position of teeth of sleeve and gear. l el 
Length of Timoshenko beam element. [M]
Mass matrix of Timoshenko beam element. m 1 Mass of sleeve. P Overall force acting on the pin. p Load acting on a nodes of the pin mesh.
q(x)
Distributed load acting on the pin.
R i j
Principal radius i of body j.
R im
Distance between impact point on the gear and the axis of the shaft. R 0 Car wheel radius.
R s
Synchronizer ring radius.
s(t)
Vector of translational movement imposed by the cam to the pin. t i Time of i − th impact. {u} Vector of generalized nodal displacement.
V A
Relative velocity between the sleeve and the gear.
INTRODUCTION
The current car market trend is to improve driving comfort and safety and to reduce fuel consumption. To achieve these goals incremental technical improvements are also important, thus the study of gearboxes and the ways to shift gears is a very important topic in car design. In Europe, many car companies choose to equip their products with robotized gearboxes. The gearbox architecture is the same as in traditional ones (see fig.  1 ), but the actuation of the sleeves is accomplished by electromechanical or hydraulic devices. A common solution is to use a barrel cam with form-closed 1 translating follower (see fig. 2 ). The challenge is to design the optimal cam profile and to choose the most appropriate control law to transfer motion to the entire system. The first task is to obtain great reliability from the actuating device mounted on touring car: wear problems may occur because of excessive sliding. Wear is not uniform along the cam profile and it causes loss of mechanism functionality. 1 The follower is geometrically costrained to maintain contact with the cam. An optimal design of the cam profile should achieve a uniform pressure distribution, and as a consequence a uniform wear. The improvement of the kinematic and dynamics performance, can also reduce the wear action. The second task to be achieved is a rapid gear shifting to increase car performance. Short shifting times means smaller engine speed reduction, the so called torque leakage. To achieve this goal the cam has to operate at the highest speed, thus increasing the follower acceleration. This increase the inertial loads and, consequently, contact between cam and follower can be lost. The form-closed cam-follower type is preferred to the force-closed one because it avoids the jump 2 .
Other problems can occur when the cam is operated at high speed. The load generated by inertial forces is affected by pin deflection. In the proposed model the cam is assumed to operate at constant speed, even if the actual cam acceleration affects follower dynamic behavior [1] .
The dynamic behavior of the cam actuator has been investigated. A Fortran routine, which simulates every phase of the actuation process has been implemented. The object of this investigation is a gearbox equipped with a single cone synchronizer. No hypothesis was introduced about the type of the actuator which drives the barrel cam at a constant speed. The Fortran routine can simulate common topologies of gearboxes with known inertial and geometrical characteristics. A simple GUI assist the user through the input operation and settings. Part of the routine implements a specific FEM model. The mesh is automatically generated at every launch consistently with the dimension of the gearbox which have to be simulated. In particular, the ODE system governing the interaction between cam and follower, was numerically integrated by means of RADAU5 [2] . In addiction a parametrical FEM procedure was integrated with the other dynamic approaches in a single routine. Thus the simulation of each phase is executed within the same program.
The routine implements two different type of cam, the constant speed and the cycloidal one. However, other contour geometries could be included.
Using a unique routine, the synchronization phase can be simulated with the actual value of synchronization load, evaluated considering also the interaction between the pin and the groove. The routine also simulates the meshing process. The numerical procedures takes into account the geometry of gear teeth and sleeve and computes, by means of closed form equations, the kinematic of the parts after each rebound.
THE ROBOTIZED GEARBOX
A robotized gearbox is a common gearbox in which the movement of the sleeves is actuated by a barrel cam. This cam has several grooves, one for each sleeve to be moved. Usually in a common car gearbox there are three sleeves, even though other solutions are possible [3] . Each sleeve is connected to the cam by means of a beam and a pin which engages its groove. In many practical application this pin has a cylindrical or ellipsoidal shape. When the cam rotates, the grooves impress the pin a prescribed motion law to produce the appropriate configuration of meshing gears. The optimized design and manufacturing of the grooves are very important in order to improve performance and reliability of the entire system. The lubricated contact between the grooves and the pins, because of the demanding pressure and kinematic features, has to be shaped properly. The contact pressures exerted are linked to the synchronization force and, as a consequence, to shifting dynamics. The barrel cam is actuated by means of an electromechanical or hydraulic system which is connected to the cam through an indexing mechanism and a driving pinion.
In Fig. 3 is shown a typical view of the shifting device, which includes the cam (barrel type), pin, beam, fork, synchronizing ring (this part is substituted with a dog ring in racing car), sleeve and gear. The principles of functioning are identical to those of manual gearboxes. When a gear shift has to be executed, the gear to be meshed has a different angular speed with respect to the shaft on which is mounted. The synchronizer has to reduce to zero the speed difference between gear and shaft. To achieve this, an axial movement of the sleeve, actuated by the fork, pushes the conical surface of the synchronizer ring on the conical surface on the gear. The applied force generates a friction torque between the two surfaces causing the synchronization of their angular speeds. There is a sleeve, and a corresponding fork, for each gear pair (1 st − 2 nd , 3 rd − 4 th ,..). In a manual gearbox, the shifting operation requires two movements of the lever. With the transverse movement the right sleeve is engaged. With the longitudinal one, the gear connected to this sleeve, is meshed. In form-closed robotized gearboxes these two movements are driven by the cam rotation. In particular, the groove shape on the barrel cam is such that the motion of only one sleeve at a time is allowed. The cam rotates in the same direction for all upshifting operations and reverse its rotation for the down-shifting operations.
As can be observed in Fig. 3 , a critical aspect of the overall operation is the cam-pin interaction. The cam profile and the pin reaction force influence the shifting process.
From the point of view of reliability, the difference between manual and cam actuated robotized gearbox 3 is the cam follower interaction. To study the overall dynamic behavior of the system, the model in Fig. 4 has been proposed. The figure shows (not to scale) the parts of the system. The beam is not always mounted on the device 4 , therefore it is not a fundamental part of the actuating system and its bending elasticity can be taken into account with a linear lumped torsional spring. The axial stiffness is also simulated by means of a lumped spring element.
The cam pushes the beam by means of the pin. This is connected to the fork which engages the groove of the sleeve. While the synchronizer ring is working, the sleeve stops because of the lock-up system. When the synchronization is terminated the sleeve moves toward the gear meshing tooth. Another critical phase of the shifting operation is the contact between the internal teeth of the sleeve and those of the gear. To make the meshing easier, the teeth have a triangular shape in the direction of relative motion. Before the contact, the sleeve moves axially toward the gear, but after the contact, because of the geometry of the teeth, an angular velocity between sleeve and gear is generated. A dynamic model of the contact has been developed taking into account the actual teeth geometry, the relative velocity between gear and sleeve, and the inertia properties. At the end of the entire process, to keep the sleeve in the right position while the power flow is transmitted, the teeth have a wedge shaped profile (see right side of Fig.7 ) which generates an axial holding force under the torque action.
THE MATHEMATICAL MODEL
The dynamic interaction between cam and follower is investigated using a finite element model and the theory of beam on continuous elastic foundation. According to this theory, the deformable beam is in contact with the elastic foundation which applies a distributed load proportional to the beam deflection. The purpose is to investigate the deflection of the parts of the system caused by the great acceleration. The pin is assumed as the "beam" and the wall of the groove as the foundation. It is also possible to appreciate the actual load between the pin and the groove coming from the Hertz model of contact. The differential equation governing the model is:
(1) The pin of the follower has been discretized using Timoshenko beam elements [4, 5] and the foundation elasticity (cam groove walls) is simulated by means of parallel spring-damper elements. Figure 5 shows the mesh scheme. The walls of the groove are considered rigid and the damping and stiffness characteristics have been lumped in spring-damper elements acting on each node of the mesh.
The stiffness of the foundation is a linear approximation of the one obtained from Hertz theory [6] :
The value of the constant stiffness of each spring can be assumed to be k spring = k el f · l el ; instead 2k spring = k el f · l el at boundary nodes (see also [4] ). The Eqn. (3) shows that the displacement δ depends on the parameters a and b of the footprint, which depend on load P. Thus, the displacement is a nonlinear function of the load P. A value of the equivalent stiffness 6 can be estimated as the reciprocal of the slope of the straight line between the origin and point A (corresponding to the synchronization load F s ) of the δ versus P diagram (Fig. 6) .
In order to compute the actual deformation due to contact, and also the stiffness constant value k el f , the footprint shape has 5 The original expression of the equation is:
Copyright c 2004 by ASME to be considered. This one is elliptical and it is non symmetrical because the principal curvature directions of the pin and groove surfaces are not the same. For this reason the values of a and b have to be computed solving an elliptical integral. In [7] a procedure to solve the problem by means of tables, is described. The values of curvature and of their principal directions can be computed using the following expressions:
where cos σ is the input parameter to solve the elliptical integral by means of tables. The principal curvatures can be simply computed by means of the second differential form:
where q(X) is a distributed load. 6 The stiffness of a linear spring which has the same deflection under the same load of the nonlinear one.
where E, F, G, L, M and N are values depending on the parameterization of the surface; for more details see [8, 9] . As shown in Fig. 5 , a shear load acts on the pin which has a small length to diameter ratio. Thus shear loads cannot be neglected with respect to pin deflection. Therefore the loads on the pin tend to rotate each section of the device with respect to the others. The Timoshenko beam element seems the appropriate choice to represent the dynamic phenomena acting on the pin. In fact this type of element takes into account both the above mentioned effects. Each boundary node of the Timoshenko beam has two degrees-of-freedom, translation and rotation, thus the dimension of stiffness and mass matrices is four.
for more details see Appendix A. The system to be solved for the dynamic behavior is the following:
It can be expressed in the following form to use RADAU5:
where 
and
The value {F ext } include the load that the cam groove applies to the pin; this load can be assumed to be:
where
The vector {u} = {u (t)} represents the two degrees of freedom of each node; the translating coordinates of the vector {s(t) − u} represent the deflection of the cam groove, the foundation. The vector {s(t)} contains the movement impressed by the groove to each node of the pin, while the vector {u} the actual movement: the difference represent the deflection of the damping spring elements, thus the deflection of the groove. 
SIMULATION DETAILS
In order to understand the influence of different factors on the performance of the gearbox a simulation of shifting process has been executed. The entire system has been modeled taking into account three different subsystems:
• interaction between barrel cam and pin;
• synchronizing process;
• meshing between dog teeth and gear.
The interaction between barrel cam and pin has been already discussed in the previous section. When the cam rotates the sleeve is driven towards the synchronizer. This device is a conical ring which increases or decreases 7 the speed of the gear to be meshed by means of friction force. This force, produced by axial thrust exerted by the sleeve, is proportional to the cam torque. The synchronizing torque can be computed using (see Fig. 7 , on the left):
In order to avoid force discontinuities, the dynamic friction coefficient is [10] 
where v and v 0 are respectively the sliding velocity and the threshold sliding velocity values [4] . This approach is not accurate at low or null speed. During the synchronizing process the sleeve is halted by the lock up mechanism, a device which does not allow the sleeve to move till the gear to be meshed reaches the same velocity as the shaft on which it is mounted. This device hold the teeth of the sleeve and the synchronizer ring, face to face by mean of the friction torque, and meshing is not possible. When the angular speeds of the gear and the sleeve are synchronized, the friction torque diminish and the ring becomes free to rotate into the right position unlocking the sleeve.
When the sleeve is unlocked the dog teeth mesh with the gear. This phase is quite difficult to be simulated because it starts with an impact and continues with other secondary impacts. The shifting time depends slightly on these impacts which depend also on the shape of the teeth and on inertial properties of components. When the sleeve comes into contact with the gear, they both have the same angular velocity thus there is only a linear velocity. The sleeve is connected to the shaft. Hence it can be considered as having a very high (or infinite) inertia. During the meshing process the gear rebounds between the sleeve teeth. These impacts are modeled using the approach followed by Coutinho [11] . This model, which is developed for free bodies, can be specialized for one system taking into account the constraints and the previous consideration about inertial properties. After some computations [3] one obtains:
For the first contact it is assumed β 1 = γ 2 . The shape of the teeth and the point of the first contact is known. In particular it can be assumed that the teeth of the sleeve and those of the gear have the worst relative position, i.e. face to face. The best position should be when the teeth are aligned for perfect meshing. To compute the time between two consecutive rebounds the following simplified procedure has been implemented, by means of the Eqn. (22), (23) and simple kinematic hypotheses. The axial velocity of the sleeve between two rebounds is assumed to be equal to that of the follower, assumed to be a mean value as shown in Fig. 8 . Therefore, one can evaluate:
• the velocity vector of the contact point, V A ;
• the distance between the contact point and the point on the sleeve surface that will be next contact point (on the intersection between the trajectory of contact point and dog tooth shape), d i ; • the time between two consecutive rebounds.
For this purpose, it is assumed:
where the meaning of the symbols is reported in the Nomenclature and in Fig. 7 . The Eqn. 26 evaluates the velocity between the teeth of the gear and those of the sleeve. It links the axial velocity and the angular velocity between the bodies after the first impact (depending on Ω 2 ). The value d i is measured in the direction of approach, i.e. the direction of V A . The meshing phase is assumed to be completed when the sleeve dog teeth insert in the gear lateral teeth, thus when d i = 2l i (see Fig. 7, on the right) .
The output data of the previous rebounds are used as input data for successive rebounds. In particular the axial velocity of the sleeve is computed solving the dynamics of the system in Fig. 8 . The mobile support is the pin which drives the sleeve, by means of the beam. The masses of the fork and the sleeve is lumped in the free mass m. The motion law of the mobile support, y (x), depends on the cam profile and is prescribed. Therefore the actual value of the sleeve velocity can be computed.
SIMULATIONS DATA
To simulate the phases earlier illustrated, the geometrical data have been measured on a real gearbox. The inertia data have been estimated by means of CAD software. These values are required by the simulation procedure. Other input variables of the program are chosen by the user, to investigate the change in the output performance.
To simulates a gearshift, the ∆ω value, i.e. the shaft speed difference between two consecutive gears, has to be known. It can be evaluated by means of:
where Table 2 . GEAR MASS.
The other values required for the simulation are the moments of inertia of the gears and of the shaft, summarized in Tab. 3 and 4, respectively. The last value is needed for the simulation synchronizing process. In fact, the friction torque exerted by the synchronizing ring reduce the speed difference between the wheel to be meshed and the shaft on which it is mounted. The gear is connected to the input shaft, thus its moment of inertia has to be properly computed taking into account the moment of inertia of the driven shaft.
NUMERICAL RESULTS
The simulation has been performed in order to compare the dynamic behaviors of the system, under different kinematic laws exherted by the barrel cam. In particular the cycloidal and the constant speed profiles have been investigated. We assume as constant the cam angular speed, the maximum lift of the follower, the synchronizing force.
In Fig. 9 the pin speed versus simulation time for the two chosen cam profiles is presented. Three phases can be distinguished in the graph. In the first one the cam pushes the pin which is free to move. Therefore the difference between the two profiles can be clearly appreciated (I). The cycloidal profile requires more time for this phase. Consequently the synchronizing process starts with a delay. At the beginning of this first phase the cycloidal profile moves the sleeve at a slower velocity than the constant speed one and, as known, with a smaller value of acceleration. At the beginning of the second phase, the synchronization, the cycloidal profile imparts a higher speed to the sleeve. The duration of this second phase is not very much affected by the cam profile, although the cycloidal law is slightly faster than the constant speed one (II). The factor which most influences the duration of the synchronizing phase is the geometry of the conical surfaces (α, R s ), their material (µ d ) and the synchronization force (F s ), as can be inferred from Eqn. 20. The third phase, the meshing of the gear, in the case of cycloidal profile, is smoother than the other one (III). The third phase starts with a collision. Thus,a small impact speed, as in the cycloidal profile case, is preferred. The plots of sleeve displacement versus time (see Fig.10 ), for the two cam profiles, confirm the previous remarks. Regarding the interaction between pin and cam groove, during the second phase the overall contact force shows the behaviour of a common cam with the same motion law. In fact the only forces acting on the follower are those of inertia [12, 13] . In Fig.11 the behaviour at the beginning of the synchronization phase can be appreciated. The cycloidal profile generates an higher contact force when the sleeve impacts the synchronizing ring than does the constant speed profile.
As can be seen in Fig.11 , the synchronization force application rate is high, but finite. This mean that the load is not transferred immediately to the conical surface, but with a transient with sliding.
The interaction force is not uniformly distributed along the portion of the pin which engages the groove. In Fig.12 the correct distribution of the loads on the nodes (see scheme in Fig.5 ) at different times is presented (x coordinate is measured from the first node of the pin).
The loads represented are sampled with a constant time step of 5ms. This means that where the points are closer the load changes are slower.
The non-uniform distribution of loads, can also be appreciated. In particular the scheme of the force acting on the pin, produces an intensification of contact load around the first engaged section of the pin (section A Fig. 5 ). Obviously this zone will have high wear. The wear can be esteemed as function of power losses according to Reye's hypothesis : Copyright c 2004 by ASME 
where v sliding and p vary with the node. The value of v sliding can be computed using:
The load p along the nodes is plotted in Fig. 12 . Figure 13 shows the change in shape of the cam groove. In Fig. 14 the wear % 9 during the contact is presented. The figure shows the volume of material taken away by friction. The results are normalized to the higher value, and plotted versus the coordinates of the nodes of the pin mesh, with the angle of rotation as parameter. For low values of ϑ, thus at the beginning of motion, wear action is very small. The reason for this is the low load acting in this phase between pin and groove. It can be seen that the cycloidal law seems better than the constant speed one, having a lower value of v sliding . This advantage is lost early. In fact, for higher values of the angle of rotation, this speed becomes higher for cycloidal profile, increasing the wear phenomenon. The application of the synchronizing force occurs with sliding and because of the high load it is the most onerous phase w.r.t wear. This phase is represented by the last two curves (in the upper part of the Fig. 13 ). Holding constant the maximum lift, the synchronizing force and the angular velocity, the cycloidal profile compares unfavorably with the other because of the higher values of v sliding . There is no wear during the synchronization phase due to the absence of sliding. A few percents difference indicates that the constant speed law is better than the cycloidal one. As already discussed in the introduction, a small improvement is also important in order to give more reliability to the gearbox. 
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CONCLUSION
The model developed and presented in this paper has permitted an appropriate study of some operations in cam actuated robotized gearbox. It has made possible the investigation of the performances of two cam profiles in terms of wear, kinematic and dynamic aspects. Although the dynamic response of the cycloidal profile is better than that of the constant speed, in terms of reliability the situation is different. The choice of the simple constant speed profile reduces the cost of manufacturing. In the study of the gearbox for touring cars, using the synchronizing meshing system, the time cannot be reduced to very small values as in the gearbox using a dog ring. This means that to improve the performance of the gearbox, in terms of shifting time, it is necessary to reduce the time spent in the movement of the sleeve. This goal can be achieved by operating the cam at higher speed, generating high wear of the part and reducing the reliability. The best way to reduce the shifting time is the use of the dog ring type gearbox, as in the racing car. No comfort results from this choice. This choice is not recommended for touring cars. The cheapest choice for companies is the automation of the traditional gearbox as shown in this paper. This has benefit for reliability and comfort. The model presented can be improved in the simulation of the contact between the teeth of sleeve and gear. At this time it cannot fully reproduce all the complex dynamics of the phenomena. The model simulates with high precision the phase of motion, that can be improved for better performance. The way to reduce the shifting time is with the choice of the appropriate motion law. However, this choice affects also wear and dynamic requirements.
